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a b s t r a c t 

This paper reports on an experimental study of mixed convection flow and heat transfer in a vented, 

differentially side-heated cubical cavity filled with a porous medium consisting of relatively large 

solid low-conductivity spheres. Rayleigh numbers and Reynolds numbers are varied over the ranges 

6 × 10 6 < Ra < 7 × 10 7 and 240 < Re < 4250, respectively, for a fixed Prandtl number of Pr = 6.75, thus 

covering more than three decades in Richardson numbers Ri = Ra/(Re 2 Pr). Heat transfer measurements 

were combined with measurements of the velocity field (using particle image velocimetry) and the tem- 

perature field (using liquid crystal thermography) to better understand the dependence of the Nusselt 

number, Nu, on the Richardson number. We observed three different flow and heat transfer regimes de- 

pending on the Richardson number. For Ri < 10, the flow structure and the Nusselt number scaling are 

similar to those for the pure forced convection, i.e., the Nusselt number scales as Nu ~ Re 0.61 indepen- 

dent of Rayleigh number. For Ri > 40, natural convection dominates the flow in the vicinity of the heating 

wall. The Nusselt number becomes less sensitive to the Reynolds number and is mainly determined by 

the Rayleigh number. In the intermediate regime for 10 < Ri < 40, the upward directed natural convec- 

tion flow at the heating wall competes with the downward directed forced flow leading to a minimum 

effective Nusselt number. A Nusselt number correlation is derived that is valid in the range 0.1 < Ri < 100 

covering all three regimes. 

© 2019 The Authors. Published by Elsevier Ltd. 

This is an open access article under the CC BY license. ( http://creativecommons.org/licenses/by/4.0/ ) 
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. Introduction 

Natural convection in closed cavities has been among the most

idely studied topics in fluid dynamics due to its simple geometry

nd relevance to many engineering applications. Natural convec-

ion is characterized by the Rayleigh number, Ra, which measures

he strength of the buoyancy forces relative to diffusive forces, and

he Prandtl number, Pr, which is the ratio of the kinematic viscos-

ty to the thermal diffusivity of the working fluid. When inlet and

utlet vents are added to such a cavity, forced convection is intro-

uced to the system as well, and, as a consequence, the Reynolds

umber, Re , also plays a role. Mixed convection is a result of the

nteraction between natural and forced convection and their rela-

ive strength is measured by the Richardson number Ri = Ra/(Re 2 

r). Mixed convection in vented cavities has attracted extensive at-

ention during the past decades due to its application in, for exam-
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le, electronics cooling [ 1 , 2 ], indoor air conditioning [3–5] , solar

onds [6] , and energy storage systems [7] . Various vented mixed

onvection configurations with different heating/cooling sources 

nd inlet/outlet locations have been studied and the results have

een reported in the form of flow and temperature fields and di-

ensionless heat transfer coefficients (i.e., Nusselt numbers, Nu)

or a range of Rayleigh and Reynolds numbers [ 2–4 , 8–16 ]. These

tudies are almost exclusively numerical studies solving the Navier-

tokes equations for two-dimensional geometries. Singh and Sharif

9] conducted a numerical study of a vented cavity with differen- 

ially heated side walls. They examined six different configurations

f inlet and outlet locations and determined Nusselt numbers and

patially-averaged temperatures for Reynolds numbers from 50 to

00 and Richardson numbers from 0 to 10. They concluded that

he configurations in which forced and natural convection assist

ach other produce more effective cooling. Deng et al. [4] numeri-

ally studied airflow and heat/contaminant transport structures in

 vented cavity with discrete heat and contamination sources. They

bserved different transport structures and ventilation modes de-
nder the CC BY license. ( http://creativecommons.org/licenses/by/4.0/ ) 
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Nomenclature 

c p Specific heat capacity, J/kg.K 

d Diameter of spheres, m 

g Gravitational acceleration, m/s 2 

h Height of the inlet/outlet ports, m 

H Inner height of the heating/cooling walls, m 

k Thermal conductivity, W/m.K 

L Inner dimension of the cavity, m 

Nu Nusselt number 

Nu eff Effective Nusselt number 

P Electrical power supplied to the hot wall, W 

Pr Prandtl Number 

Q loss Rate of heat loss, W 

Q flow 

Rate of heat carried by the outflow, W 

Q total Rate of heat supplied to the hot wall, W 

Ra Rayleigh Number 

Re Reynolds Number 

Ri Richardson Number 

t Time, s 

T Temperature, K 

u in Bulk inflow/outflow velocity, V˙ / ( h × L ), m/s 

v z Vertical velocity component, m/s 

V˙ Volumetric flowrate, m 

3 /s 

x, y, z Cartesian coordinates, m 

Greek symbols 

α Thermal diffusivity, m 

2 /s 

β Thermal expansion coefficient, 1/K 

ν Kinematic viscosity, m 

2 /s 

ρ Density, kg/m 

3 

Subscripts 

c Cold 

h Hot 

s Solid 

f Fluid 

in Inflow 

out Outflow 

FC Pure forced convection 

NC Pure natural convection 

pending on the relative strength of natural convection and forced

convection, which is important in determining the indoor air en-

vironment. Papanicolaou and Jaluria [2] numerically studied mixed

convection in a vented cavity with an isolated thermal source for

Reynolds numbers between 50 and 20 0 0 and Richardson numbers

between 0 and 10. They found a general trend of increase of the

average heat transfer rate from the source to the airflow when

the Richardson number increases at a fixed Reynolds number as

well as when the Reynolds number increases at a fixed Richard-

son number. They also reported on the effect of the location of the

heat source and the outlet port. 

Mixed convection in vented cavities filled with porous media or

solid obstacles has several industrial applications, for example in

grain storage, food storage, solar collectors, steel making furnaces,

and electronics cooling. Despite its practical relevance, it has re-

ceived much less attention than the case without porous media.

Mahmud and Pop [17] were the first to publish on mixed convec-

tion in vented cavities filled with a porous medium. They numer-

ically studied two-dimensional steady mixed convection using the

Darcy flow model for porous medium Peclet numbers between 0.1

and 100, porous medium Rayleigh numbers between 0.1 and 10 0 0,

and inlet width to cavity height ratios between 0.1 and 0.6. The

studied cavity was heated/cooled at the left wall and the forced
ow was directed along the hot/cold wall with inlet and outlet

ents at the top and bottom of the wall. They found that the flow

attern can change from a unicellular flow to a multicellular flow

epending on the inlet width ratio, Peclet number, and Rayleigh

umber. Bhuiyan et al. [18] performed a similar study but con-

idered three different cavity aspect ratios. Other researchers have

tudied vented cavities partially filled with porous media [ 19 , 20 ].

hese studies used the Darcy model and its extensions, and solved

olume-averaged continuum equations for the fluid and solid con-

tituents. 

In many of the above-mentioned applications of mixed convec-

ion in vented cavities, the porous medium consists of relatively

arge grains/obstacles. An example is the mixed convection at the

earth of steelmaking blast furnaces where the liquid iron is col-

ected and tapped off [21] . The hearth is filled with relatively large

oke particles with a typical size up to approximately 100 mm.

ith the hot liquid iron flowing in from the top, and leaving from

he exit taphole, while the walls of the hearth are being cooled,

he flow of liquid iron in the hearth is a mixed convection flow in a

oarse-grained porous medium. Other examples include electronics

ooling with relatively large electronic components [22] and cool-

ng and storage of food packages and agricultural products [23] .

n these cases, the pore length scale is not small compared to the

ow and thermal length scales, and the validity of the Darcy model

nd the volume-averaged porous continuum approach is question-

ble. Moreover, for coarse porous media, it becomes more impor-

ant to capture the details of the flow field and the temperature

istribution at the pore-scale and to resolve the strong interaction

etween the flow and the solid grains. In this regard, a few of our

ecent studies have considered natural convection in closed cavi-

ies containing relatively large solid spheres at the pore level both

xperimentally [ 24 , 25 ] and numerically [26] . 

This study focuses on mixed convection in vented cavities filled

ith coarse-grained porous media. The objective is to provide de-

ailed experimental data on the heat transfer scaling as a function

f Reynolds and Rayleigh numbers. For this purpose, we used a

ubical cavity with differentially heated side walls equipped with

n inlet at the heating side and an outlet at the cooling side.

he cavity is packed with relatively large solid spheres. To bet-

er understand the heat transfer results, we also determined the

elocity fields and temperature fields in the pores by using opti-

al measurement techniques in conjunction with a refractive index

atched porous medium. 

. Experimental setup 

The experimental setup consists of a cubical cavity with an in-

er dimension of L = 77 mm (see Fig. 1 a). The cavity has one hot

nd one cold side wall which are made of copper and the other

our walls are made of 4 mm thick glass. The hot wall was heated

y an electrical foil heater (Minco HK5955) and the cold wall was

nternally cooled with water from a temperature-controlled wa-

er circulator (Julabo FP51-SL). To minimize the heat leakage, the

lass walls and the heating wall were completely insulated dur-

ng heat transfer measurements using thick polystyrene sheets (see

ig. 1 a). The cavity is equipped with an inlet port at the heating

all and an outlet port at the cooling wall with each port hav-

ng an internal size of h × L = 10 mm × 77 mm. The remaining

eating/cooling area is H × L = 62 mm × 77 mm (see Fig. 1 a).

ig. 1 b illustrates two different mixed convection configurations A

nd B, and a pure forced convection configuration C considered in

his study. The main focus of this study is on configuration A in

hich the inlet port is at the top of the heating wall and the out-

et port at the bottom of the cooling wall. For comparison, a few

xperiments were performed in configuration B which results from

otating the same cavity positioned in configuration A about the



I. Ataei-Dadavi, M. Chakkingal and S. Kenjeres et al. / International Journal of Heat and Mass Transfer 149 (2020) 119238 3 

Fig. 1. The mixed convection cavity filled with d/ L = 0.20 spheres in BCT packing: (a) Drawing and components of the cavity (configuration A), (b) Schematic view of the 

two studied mixed convection configurations A and B, and the pure forced convection configuration C. In all experiments the same cavity was used positioned in three 

different ways (Configuration A, B, and C). Results will be presented in the Cartesian coordinate system shown in Fig. 1 b. 
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-axis. In configuration B, the inlet port is located at the bottom

f the heating wall and the outlet port at the top of the cooling

all. To obtain pure forced convection data points, the same cav-

ty was rotated about the y-axis such that the heating wall is at

he top and the cooling wall is at the bottom, see configuration

 in Fig. 1 b. In this configuration, there is no natural convection

nd only forced convection takes place. In the heat transfer experi-

ents, the cavity was filled with polypropylene spheres with a di-

meter d = 15.3 mm ( d / L = 0.20) and solid-to-fluid conductivity

atio of k s / k f = 0.32. The spheres were packed in a Body-Centered

etragonal (BCT) packing structure (see Fig. 1 ). 

The temperature of the heating and cooling walls, T h and

 c , were monitored by four ultra-precise four-wire RTD sensors

Omega RTD-3–1PT100K2528-1M-T-1/10) with an inaccuracy of ±
.03 °C. The same type of RTD sensors were used to measure

he inflow temperature T in and the outflow temperature T out . The

nflow and the cold wall were kept at the same temperature

 in = = T c . The Rayleigh number is determined using the temper-

ture difference between the heating wall and the inflow/cooling

all as in 

a = 

βg ( T h − T in ) H 

3 

, (1) 

να
here g is the gravitational acceleration and β , ν and α are

he thermal expansion coefficient, the kinematic viscosity, and the

hermal diffusivity of the working fluid, respectively. The Nusselt

umber is determined using the electrical power supplied to the

eating wall P as in 

u = 

P − Q loss 

kH ( T h − T in ) 
, (2) 

here k is the thermal conductivity of the working fluid. Water

as used as the working fluid in all the experiments. Q loss is the

inor heat loss and is determined by measuring the heat trans-

er in the water-filled vented cavity positioned as in configuration

 (see Fig. 1 b), with closed inflow and outflow. In this situation,

oth natural and forced convection are inactive and the fluid is

tagnant so that only conduction occurs. The measured heat trans-

er minus the known conductive heat transfer through the stag-

ant water layer only is considered as the heat loss in this system.

he water inflow into the cavity was supplied by a temperature-

ontrolled water bath (Julabo F32-HE). A rotary vane pump (Fluid-

-Tech PA111) was used to provide a constant volumetric flowrate

rom the water bath into the cavity. A variable frequency drive (Hi-

achi L100) was used to vary the volumetric flowrate by regulating
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Fig. 2. Nu- Re data for the porous medium filled cavity compared to the pure-fluid 

cavity at two different Rayleigh numbers in configuration A. 
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the rotational speed of the pump motor. The volumetric flowrate

was measured and monitored using a magnetic flowmeter (MAG-

IEW MVM-002-Q). The Reynolds number is determined using the

inflow volumetric flowrate V˙ as in 

Re = 

u in L 

ν
= 

˙ V 

νh 

, (3)

where u in = V˙ / ( h × L ) is the bulk velocity of the water

inflow/outflow. Using the Rayleigh and Reynolds numbers, the

Richardson number can be obtained from 

Ri = 

Ra 

Pr R e 2 
, (4)

where Pr is the Prandtl number of the working fluid. For wa-

ter, at room temperature (22 °C) the Prandtl number is 6.75. In

Section 3.5 . we study how the heat generated at the heating wall

is distributed between the two heat removal pathways: the cool-

ing wall, and the outflow. For this purpose, we introduce another

dimensionless number which is the ratio of the heat leaving the

cavity by the outflow, Q flow 

, and the total heat supplied to the hot

wall, Q total , as in 

Q flow 

Q total 

= 

ρ ˙ V c p ( T out − T in ) 

P 
, (5)

where ρ and c p are the density and the specific heat capacity of

the working fluid. 

In this study, the Rayleigh number is varied over the range

6 × 10 6 < Ra < 7 × 10 7 by varying the temperature difference T h 
– T in between approximately 2 °C and 20 °C. The Reynolds number

is varied over the range 240 < Re < 4250 by varying the incom-

ing volumetric flowrate from 2.4 × 10 −6 m 

3 /s to 4.2 × 10 −5 m 

3 /s.

Consequently, the Richardson number is varied over a wide range

of three decades, i.e., 0.1 < Ri < 100. Depending on the set temper-

ature difference T h – T in and the set flowrate V˙, the uncertainties

in the measured Reynolds, Rayleigh, and Nusselt numbers are be-

tween 1.7% and 3.6%, 1.8% and 3.9%, and 1.5% and 3.7%, respectively.

The resulting uncertainty for the Richardson number is between

3.9% and 8.2%. 

As discussed in [24] , refractive index matching of water and

hydrogel spheres enables the use of optical measurement tech-

niques for thermally-driven flows in porous media. In this study,

we used hydrogel spheres in water ( k s / k f = = 1) to make a refrac-

tive index matched porous medium to be able to perform Parti-

cle Image Velocimetry (PIV) and Liquid Crystal Thermography (LCT)

measurements. Hydrogel spheres with a diameter of approximately

15.3 mm ( d / L = 0.20) were packed in a BCT structure. The PIV and

LCT images were taken at the vertical plane y / L = 0.4, see Fig. 1 . 

Details of the PIV experimental setup are reported in [24] . The

post-processing of PIV images was conducted using the commer-

cial software Davis 8.4.0. A three-pass cross-correlation with final

interrogation area of 16 × 16 pixels and 50% overlap was used

to obtain velocity fields with a vector resolution of 0.60 mm. The

time difference between the PIV image pairs, �t , was varied from

�t = 3 ms at the highest flowrate to �t = 30 ms at the low-

est flowrate in order to have a maximum particle displacement of

around 8 pixels. The mean velocity fields were obtained by aver-

aging over 7200 instantaneous velocity fields that were acquired

at 2 Hz. It was checked that, during the 1 h duration of measuring

the mean velocity fields, the hot and the cold wall temperatures

varied by less than 1% of the lowest temperature difference and

the liquid flowrate varied by less than 3% of the lowest flowrate. 

The LCT measurements were performed to determine the tem-

perature distribution at the pore level in the porous medium. The

LCT experimental setup is described in detail in [24] . The useful

temperature range of the thermochromic liquid crystals used in

this study (Hallcrest R25C60W) was determined to be from 21.6 °C
to 31.1 °C. Accordingly, in the LCT experiments the cooling wall and
he inflow temperatures were set to T in = = T c = = 21.6 °C, and the

eating wall temperature was set to T h = = 31.1 °C which leads

o a Rayleigh number of Ra = = 3.5 × 10 7 . The color images of

he thermochromic liquid crystals were finally converted to quan-

itative temperature fields based on a temperature-hue calibration

rocedure which is described in [24] . 

. Results and discussions 

.1. Flow and heat transfer in the cavity with and without porous 

edia 

The Nusselt number was measured as a function of Reynolds

umber in the vented cavity with an inlet at the top of the heat-

ng wall and outlet at the bottom of the cooling wall (Configu-

ation A, see Fig. 1 b). The Nusselt numbers were measured both

n the pure-fluid cavity without porous medium and in the same

avity filled with a porous medium consisting of a BCT packing of

 / H = 0.2 spheres to identify the effect of the porous medium on

he heat transfer. Fig. 2 shows the resulting Nu- Re data for two

ifferent Rayleigh numbers. It is observed that the heat transfer

ate from the heating wall increases with Reynolds number in all

ases. However, the slope of the Nu- Re curve is higher for the

orous medium filled cavity. At low values of the Reynolds num-

er, where natural convection dominates, the Nusselt number is

igher for the pure-fluid cavity. This is consistent with what is

eported for natural convection in side-heated cavities with and

ithout porous media [25] . When increasing the Reynolds number,

he Nusselt numbers for the porous medium filled cavity exceed

hose for the pure-fluid cavity. Fig. 3 shows that at low Reynolds

umber ( Re = = 280) in the porous medium filled cavity a por-

ion of the cold inflow tends to move downward opposing the up-

ard moving natural convection flow. However, in this case, the

pward directed natural convection flow is sufficiently strong to

revent the cold inflow from reaching the hot wall. In this situ-

tion, hot fluid gets trapped in the region near the heating wall

ue to the presence of the spheres and the opposing inflow, result-

ng in a heat transfer rate lower than that for the pure-fluid cav-

ty. However, as the Reynolds number increases, the forced convec-

ion gradually overcomes the natural convection such that a large

ortion of the cold inflow moves downward and comes in direct

ontact with the heating plate. This phenomenon causes a steep

ise of Nusselt number with increasing Reynolds number. In con-

rast, in the pure-fluid cavity, the mechanism of heat removal and

he flow pattern near the heating wall is qualitatively the same at
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Fig. 3. Mean velocity fields at Ra = 5.6 × 10 7 for the pure-fluid cavity (left) and the porous medium filled cavity (right) at Re = 280 (top) and Re = 2250 (bottom) in 

configuration A. The color map represents the vertical velocity component v z . 
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ow and high Reynolds numbers. The forced convection flow fa-

ors heat removal by aiding the natural convection flow, but the

old fluid never comes into direct contact with the heating wall.

s the Reynolds number increases, the inflow moves more straight

hrough the cavity and then impinges on the cold wall. The flow

nd heat transfer in similar configurations without porous media

re discussed in more detail in [ 2 , 9 , 10 ]. 

.2. Effect of Rayleigh and Reynolds numbers on flow and heat 

ransfer 

Fig. 4 shows the Nusselt number as a function of Rayleigh num-

er for six different Reynolds numbers including Re = = 0 (corre-

ponding to pure natural convection) for the cavity filled with the

orous medium. Natural convection data for a side-heated closed

avity filled with the same porous medium [25] is also included for

omparison. A good agreement between the slope of the two natu-

al convection curves is observed. The shift in the values is due to

he different geometries of the hot/cold walls (with and without

nflow/outflow ports) and thus different length scales used to de-

ne the Rayleigh and Nusselt numbers. First, it is observed that the
ixed convection heat transfer is always higher than pure natural

onvection ( Re = = 0). This is due to introducing a cold fluid into

he cavity which enhances the heat transfer from the heating plate

o the fluid through a lowering of the bulk temperature. Second, it

an be observed that at a constant Reynolds number Re > 0, the

lope of the Nu-Ra curve is (nearly) zero at low Rayleigh numbers,

nd that this slope gradually increases with increasing Rayleigh

umber. This process also depends on the Reynolds number. The

igher the Reynolds number, the later (in terms of Rayleigh num-

er) the increase of the Nusselt number sets in and the smaller

s the slope. In general, at higher Reynolds numbers and lower

ayleigh numbers (i.e. lower Ri), when forced convection is the

ominant heat transfer regime, the Nusselt number becomes in-

ependent of the Rayleigh number and the scaling exponent α in

u ~ Ra α is zero. However, at lower Reynolds numbers and higher

ayleigh numbers (i.e. higher Ri), when natural convection is im-

ortant, the value of the scaling exponent α increases. The highest

caling exponent is observed at the highest Rayleigh number and

he lowest Reynolds number (i.e. the highest Ri) and is approxi-

ately 0.5. 
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Fig. 4. Nu-Ra data for the porous medium filled cavity for different Reynolds num- 

bers (configuration A). The crosses ( ×) pertain to the pure natural convection data 

for the same porous medium filled vented cavity with no inflow. The pluses ( + ) 

pertain to data for natural convection in a closed cavity filled with the same porous 

medium [25] . 

Fig. 5. Nu- Re data for the porous medium filled cavity for different Rayleigh num- 

bers (configuration A). The solid line shows the power-law fit to the pure forced 

convection data, Eq. (6) , for the same cavity. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Table 1 

The temperatures of the inflow, the cold wall, and the hot wall, and 

the bulk inlet velocities for the velocity and temperature fields shown 

in Figs. 8 and 9 . 

Ra Re Ri T c = T in ( °C) T h ( °C) u in (mm/s) 

3.5 × 10 7 240 90.0 22.0 31.6 3.03 

3.5 × 10 7 730 9.73 22.0 31.6 9.20 

3.5 × 10 7 1400 2.65 22.0 31.6 17.6 

3.5 × 10 7 2250 1.02 22.0 31.6 28.2 
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a

Fig. 5 shows the Nusselt number as a function of Reynolds

number at different Rayleigh numbers, along with the results for

pure forced convection. The pure forced convection data points

were obtained by rotating the cavity such that the heating plate

is at the top and the cooling plate is at the bottom (see configura-

tion C in Fig. 1 b). The pure forced convection data points are fitted

by the power-law 

N u FC = 0 . 836 R e 0 . 610 , (6)

which is shown as a solid line in Fig. 5 . It is observed that at suffi-

ciently high Reynolds numbers, the heat transfer rates for different

Rayleigh numbers converge to the forced convection curve. This in-

dicates that natural convection is negligible in this range of high

Reynolds numbers and that the flow and heat transfer are fully

dominated by forced convection. For the highest Rayleigh number,

the heat transfer data start to branch away from the forced convec-

tion curve when the Reynolds number decreases below approxi-

mately Re = 1400. This is an indication of the onset of natural con-

vection effects. The Reynolds number where branching first occurs

increases with increasing Rayleigh number. It is observed that at

the highest Rayleigh number (i.e. Ra = = 5.6 × 10 7 ) and the lowest

Reynolds numbers, the Nusselt number becomes almost indepen-
ent of Reynolds number such that the scaling exponent β in Nu

Re β approaches zero. This is an indication of the dominance of

atural convection over forced convection. Fig. 6 shows the mean

elocity fields at low Reynolds number ( Re = = 280) for three dif-

erent Rayleigh numbers. It is seen that at this low Reynolds num-

er, increasing the Rayleigh number substantially changes the flow

tructure in the vicinity of the heating wall so that the upward

atural convection flow gradually overcomes the imposed down-

ard forced convection flow. This leads to an enhanced strength of

atural convection at a fixed forced flow and therefore the Nusselt

umber increases with increasing Rayleigh number. On the other

and, Fig. 7 confirms that at high Reynolds numbers, forced con-

ection fully dominates the flow structure and natural convection

ow is completely suppressed, such that increasing the Rayleigh

umber has no influence on the flow field and the heat transfer. 

Fig. 8 shows the mean velocity fields at Ra = 3.5 × 10 7 for four

ifferent Reynolds numbers. It shows that by increasing Reynolds

umber, the downward forced convection flow overcomes the up-

ard natural convection flow in the region near the heating wall.

he flow field results show that for Re � 1400 the forced convec-

ion dominated regime is reached, such that a further increase of

he Reynolds number (from 1400 to 2250) does not change the

ow structure in the cavity. This is in agreement with the Nu- Re

ata in Fig. 5 which indicate that an asymptotic forced convec-

ion dominated regime is reached for Re � 1400. Liquid Crystal

hermography (LCT) measurements were performed at the fixed

ayleigh number of Ra = = 3.5 × 10 7 based on the effective tem-

erature range of the used liquid crystals. Fig. 9 shows the re-

ulting mean temperature fields for the same four Reynolds num-

ers as in Fig. 8 . The temperature measurement results show that

t the lowest Reynolds number, due to the opposing behavior of

he forced flow and the presence of the spheres, the hot fluid is

rapped in a recirculation zone near the heating wall leading to

he formation of a high-temperature isolated region in the vicinity

f the heating wall. Since the downward forced flow is not strong

nough to overcome the upward natural convection flow, the in-

eraction between the cold inflow and the heating wall is mini-

al. This explains the low slope of the Nu- Re curve in this regime,

ee Fig. 5 . As the Reynolds number increases and the downward

orced convection flow overcomes natural convection, a larger por-

ion of the inflow moves downward along the heating wall and

ubsequently along the bottom wall. As a result, the cold inflow

nteracts more directly with the heating wall and carries away the

eat toward the outlet. For Re � 1400, where forced convection

ominates, it is observed that the cold inflow is in direct contact

ith the heating wall and the high-temperature region is driven

way from the heating wall towards the bottom wall. This appar-

ntly leads to a higher sensitivity of the Nusselt number to varia-

ions in Reynolds number, and, as evidenced by the relatively large

alue of the scaling exponent in Eq. (6) , the scaling exponent β in

u ~ Re β becomes β = 0.61. 

The boundary condition values corresponding to the velocity

nd temperature fields in Figs. 8 and 9 are given in Table 1 . 
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Fig. 6. Mean velocity fields at Re = 280 for (a) Ra = 1.0 × 10 7 , (b) Ra = 2.8 × 10 7 , and (c) Ra = 5.6 × 10 7 in configuration A. 

Fig. 7. Mean velocity fields at Re = 2250 for (a) Ra = 1.0 × 10 7 , (b) Ra = 2.8 × 10 7 and (c) Ra = 5.6 × 10 7 in configuration A. 
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.3. Effective scaling of Nusselt number 

The results in Figs. 4 and 5 clearly imply that the Nusselt num-

er is governed by the relative strength of natural and forced

onvection which can be represented by the Richardson number

s discussed earlier in the introduction. Fig. 10 shows the ratio

f the mixed convection heat transfer over the forced convection

eat transfer (at the same Re ) as a function of Richardson num-

er for all measurements. The heat transfer data cover a wide

ange of Richardson numbers, i.e., 0.1 < Ri < 100. It is observed

hat the data collapse onto a single curve which can represent

he mixed convection heat transfer behavior in this configuration.

ig. 10 shows that for Ri � 3 the normalized Nusselt number is

lose to unity which indicates the dominance of forced convection

ver natural convection. This can be observed in the flow fields in

igs. 7 , 8 c, and d. The onset of natural convection effects corre-

ponds to the point where the normalized heat transfer starts to

eviate from unity at Ri ≈ 3. That is when natural convection flow

merges at the heating wall and by further increasing the Richard-

on number, it starts to take over the forced convection flow, see

igs. 6 , 8 a, and b. At Ri � 3 the increasing strength of the nat-

ral convection results in an enhanced heat transfer with respect

o the pure forced convection. A curve is fitted to the data points

onsidering the constraints at the two extremes: (i) Nu being in-

ependent of Ra for Ri → 0, and (ii) Nu being independent of Re

or Ri → ∞ . The fitted curve is shown as a solid (green) line in

ig. 10 and is given by 

Nu 

N u 

= ( 1 + 0 . 0375 Ri ) 
0 . 305 

. (7) 

FC 
Substituting the power-law relation obtained for the forced con-

ection heat transfer, Eq. (6) , into Eq. (7) yields the following cor-

elation for the Nusselt number as a function of Reynolds and

ayleigh number for low-conductivity spheres ( k s / k f ≤ 1) 

u = 0 . 836 R e 0 . 610 
(

1 + 0 . 00556 

Ra 

R e 2 

)0 . 305 

. (8)

In this correlation, for Ri → 0, the forced convection power-

aw function of Reynolds number, Eq. (6) , is retrieved. Also, for

i → ∞ , the Nusselt number scales with Ra 0.305 which is in agree-

ent with classical natural convection scaling in cavities without

orous medium [27] . As discussed in [ 24 , 25 ], natural convection

caling in porous media behaves very similar to the pure-fluid nat-

ral convection scaling at sufficiently high Rayleigh numbers. Both

ure forced convection and pure natural convection asymptotes are

hown in Fig. 10 as well. 

Several theoretical studies of mixed convection along ver-

ical flat plates have proposed correlations in the form of

u 

n = Nu FC 
n + Nu NC 

n [ 28 , 29 ], where Nu FC and Nu NC are the forced

onvection and the natural convection asymptotes for Ri → 0 and

i → ∞ , respectively. Different values for n have been proposed:

 = 2 [30] , n = 3 [ 29 , 31 ], and n = 4 [28] . We found that for n = 3,

he correlation agrees very well with our experimental data. The

esulting correlation 

Nu 

Nu FC 

= 

3 

√ 

1 + 

(
Nu NC 

Nu FC 

)3 

(9) 

s plotted in Fig. 10 as a dashed line. 
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Fig. 8. Mean velocity fields at Ra = 3.5 × 10 7 for (a) Re = 240, (b) Re = 730, (c) Re = 1400, (d) Re = 2250 in configuration A. 
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Another way of presenting the heat transfer data is to normal-

ize the mixed convection heat transfer as follows 

N u eff ( Re, Ra ) = 

Nu ( Ra , Re ) 

N u NC ( Ra ) + N u FC ( Re ) − 1 

. (10)

Nu eff is the effective Nusselt number and is used to quantify

the strength of mixed convection heat transfer Nu (Ra, Re ) with

respect to the sum of the pure natural convection heat transfer at

that specific Rayleigh number Nu NC (Ra) and the pure forced con-

vection heat transfer at that specific Reynolds number Nu FC ( Re ).

Since the conductive heat transfer is included in both Nu NC and

Nu FC , 1 is subtracted from the sum to make sure that conduction

is only considered once in the denominator. Fig. 11 shows the val-

ues of Nu eff as a function of Richardson number for all heat trans-

fer data points. It is observed that Nu eff < 1 for the entire range of

Richardson numbers considered in this study. For Ri < 10, the ef-

fective Nusselt number decreases with increasing Richardson num-

ber, which means that the enhancement of buoyancy-induced heat

transfer is not as much as what it would be in the pure natural

convection case. This is due to the fact that natural convection is

mostly suppressed by the strong forced convection in this range

of Ri numbers. In this regime, forced convection dominates and

the heat transfer is determined by the Reynolds number since the

heat transfer reduction caused by decreasing the Reynolds num-

ber is stronger than the heat transfer enhancement caused by in-

creasing the Rayleigh number. The decrease of the effective Nus-

selt number continues until a minimum is reached in the interme-

diate range 10 < Ri < 40. Maximum competition between natu-

ral and forced convection occurs in this region which leads to the

lowest effective Nusselt number. In this transitional regime, forced
nd natural convection have comparable strength acting opposite

ach other, and therefore the effective heat transfer is insensitive

o changes in Richardson number. For Ri > 40, the effective Nus-

elt number starts to increase with increasing Richardson number.

n this regime, the Rayleigh number determines the heat transfer

ince the effect of increasing Rayleigh number is stronger than that

f decreasing Reynolds number. The shape of the Nu eff -Ri curve

llustrates that in the studied configuration A (see Fig. 1 ), natu-

al convection flow and forced convection flow work against each

ther as was readily seen in the flow fields in Figs. 6 and 8 . In gen-

ral, the shape of the Nu eff -Ri curve enables us to identify three

ifferent flow and heat transfer regimes depending on Richardson

umber, namely a forced convection dominated regime (Ri < 10), a

atural convection dominated regime (Ri > 40), and a transitional

egime (10 < Ri < 40). These three regimes are shown in Fig. 11 . 

.4. Effect of configuration on heat transfer 

Although the majority of the experiments were conducted in

onfiguration A, experiments were also performed in configuration

 which has the inlet at the bottom of the heating wall and the

utlet at the top of the cooling wall, see Fig. 1 b. The Nu- Re data

or the two configurations at two different Rayleigh numbers are

ompared in Fig. 12 . The heat transfer behavior as a function of

he Reynolds number and the Rayleigh number is qualitatively the

ame for both configurations, in the sense that there is 1) a general

rend of increasing Nusselt number with increasing Rayleigh and

eynolds numbers, 2) Nusselt number is independent of Rayleigh

umber at high Reynolds numbers, and 3) Nusselt number only

eakly depends on Reynolds number at low Reynolds numbers.
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Fig. 9. Mean temperature fields at Ra = 3.5 × 10 7 for (a) Re = 240, (b) Re = 730, (c) Re = 1400, (d) Re = 2250 in configuration A. 

Fig. 10. Nusselt number, Nu, normalized with the pure forced convection Nusselt 

number, Nu FC , as a function of Richardson number, Ri (configuration A). The (green) 

solid line shows the curve that was fitted to the data according to Eq. (7) . The 

dashed line pertains to the correlation in Eq. (9) . 

Fig. 11. Effective Nusselt number, Nu eff as a function of Richardson number, Ri in 

configuration A. 

T  

�  

t  

d  

d  

c  
he graph shows that at sufficiently high Reynolds numbers ( Re

 20 0 0), the Nusselt numbers for both configurations converge

o the forced convection curve, Eq. (6) . As the Reynolds number

ecreases, the Nusselt number values for configuration B start to

eviate from the forced convection curve and this deviation oc-

urs at a higher Reynolds number than in configuration A. This
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Fig. 12. Nu- Re data for configurations A and B at two different Rayleigh numbers. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig. 13. The ratio Q flow / Q total as a function of Reynolds number for different Rayleigh 

numbers in configuration A. 

Fig. 14. The ratio Q flow / Q total as a function of Rayleigh number for different Reynolds 

numbers in configuration A. 

Fig. 15. The ratio Q flow / Q total as a function of Richardson number for all experiments 

(configuration A). 
means that natural convection effects emerge earlier in configu-

ration B and are clearly noticeable at Reynolds numbers as high

as Re = 1400. At lower Reynolds numbers, where natural convec-

tion becomes more important, the configuration has a significant

effect on the heat transfer, and the Nusselt numbers for config-

uration B are considerably higher than those for configuration A.

This is most likely because in configuration B when natural con-

vection is strong, a large portion of the cold incoming flow is en-

trained toward the heating wall by the upward buoyancy-induced

natural convection flow. For Re � 20 0 0 natural convection flow is

suppressed by the intense forced convection flow, thus the oppos-

ing and assisting behavior near the heating wall for Configurations

A and B, respectively, have no influence on the flow structure and

subsequently the heat transfer. In general, higher Nusselt numbers

were measured for configuration B which implies that this config-

uration can extract more heat from the heating source and has a

better heat removal performance compared to configuration A. 

3.5. Heat removal splitting behavior 

It is important to investigate how the heat from the heating

wall is removed from the cavity. Part of the heat is transferred

to the cooling wall which is kept at a low temperature equal to

the inflow temperature. The remaining part is carried away by the

flow and exits the cavity through the outlet. In this section, we

study how the heat generated at the heating wall is distributed

over these two heat removal pathways for configuration A. For

this, we use the ratio Q flow 

/ Q total as defined in Eq. (5) . Figs. 13 and

14 show Q flow 

/ Q total values as a function of Reynolds number for

different Rayleigh numbers, and as a function of Rayleigh num-

ber for different Reynolds numbers, respectively. When shown as

a function of Richardson number in Fig. 15 , the results indicate

a consistent behavior with a maximum at Ri ≈ 10. For Ri > 10

where natural convection flow is present at the heating wall, in-

creasing the Richardson number (i.e. increasing Ra or decreasing

Re ) leads to a stronger upward natural convection flow overcom-

ing the downward motion of the forced convection flow along the

heating wall. This causes a larger portion of the forced inflow to

move directly along the top and cold walls of the cavity leading

to an increased heat transfer at the cold wall and, consequently,

a reduced value of Q flow 

/ Q total . This can be observed clearly in the

mean velocity fields shown in Fig. 6 . On the other hand, for Ri <

10 where forced convection dominates the flow structure, decreas-

ing the Richardson number (i.e. increasing Re or decreasing Ra)

leads to a decrease in Q / Q . In the forced convection dom-
flow total 
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nated regime the inflow moves along both the hot/bottom walls

nd the top/cold walls. In this regime, as the Reynolds number in-

reases, larger inertial forces cause the inflow to move more hor-

zontally through the cavity and impinge on the cold wall which

eads to a higher heat transfer at the cold wall and thus lower

 flow 

/ Q total (see Fig. 13 ). Moreover, increasing the Rayleigh number

n the forced convection dominated regime causes a higher heat

ransport along the hot/bottom walls and therefore an increased

alue of Q flow 

/ Q total ratio (see Fig. 14 ). In general, the outflow is the

ain heat removal pathway at the intermediate range of Richard-

on numbers (Ri ≈ 10). However, as either natural convection or

orced convection dominates, the cooling wall becomes a major

eat removal pathway in this mixed convection configuration. 

. Conclusions 

Mixed convection in a vented cavity (with an inlet at the top

f the heating wall and an outlet at the bottom of the cooling

all) filled with a porous medium consisting of relatively large

 d / L = 0.20) low-conductivity ( k s / k f ≤ 1) spheres was experimen-

ally studied. Nusselt numbers, as well as velocity and temperature

elds, were measured for a wide range of Reynolds and Rayleigh

umbers resulting in a Richardson number variation between 0.1

o 100. For comparison, a pure-fluid cavity without porous medium

nd a second configuration with the inlet at the bottom of the

eating wall and the outlet at the top of the cooling wall (configu-

ation B) were also considered. It was found that at high Reynolds

umbers, the Nusselt number is considerably higher for the cavity

ith porous medium as compared to the pure-fluid cavity due to

 portion of the cold inflow directing toward the heating wall. For

he cavity filled with spheres, a general trend of increasing Nus-

elt number with increasing Rayleigh and Reynolds numbers was

bserved. The Nusselt number normalized with the pure forced

onvection heat transfer depends only on the Richardson number

hich leads to the following correlation for the Nusselt number

s a function of Reynolds and Rayleigh numbers (for 240 < Re <

250, 6 × 10 6 < Ra < 7 × 10 7 and 0.1 < Ri < 100) 

u = 0 . 836 R e 0 . 610 
(

1 + 0 . 00556 

Ra 

R e 2 

)0 . 305 

. 

Based on the velocity fields and the behavior of the effective

usselt number (which is defined as the Nusselt number normal-

zed with the sum of pure natural and forced convection), three

ow and heat transfer regimes can be identified depending on

ichardson number: a forced convection dominated regime for Ri

 10; a transitional regime for 10 < Ri < 40; and a natural con-

ection dominated regime for Ri > 40. In the forced convection

ominated regime, natural convection flow is suppressed and both

ow and heat transfer are very similar to those for the pure forced

onvection, and the Nusselt number scales with Reynolds num-

er as Nu ~ Re 0.610 , and is independent of the Rayleigh number.

n the transitional regime, natural convection and forced convec-

ion flow are of comparable strength competing against each other

hich leads to a minimum effective Nusselt number and a maxi-

um heat removal contribution by the outflow. In the natural con-

ection dominated regime, the upward buoyancy-driven flow dom-

nates and prevents the entrainment of the cold forced flow to-

ard the heating wall. In that case, the Nusselt number is mainly

etermined by the Rayleigh number and only weakly depends on

he Reynolds number. In configuration B, higher Nusselt numbers

ere measured in the natural convection dominated and transi-

ional regimes which implies a better heat removal performance

f this configuration. 
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