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Abstract: Generally speaking, excessive side thrust and roller slippage are two different aspects
affecting cam-roller mechanisms. In novel large-scale hydraulic drivetrains for offshore wind turbines,
the highly dynamic nature of these mechanisms combined with the interplay of cyclic loads, frictional
torques and inertia promote slippage at the cam-roller interface. At larger scales, the effects of
roller inertia become much more pronounced, as the inertia escalates exponentially with the roller’s
radius. This study presents a comparative analysis between radial and offset roller followers in
novel large-scale hydraulic drivetrains, where offset followers are incorporated to minimize the side
thrust. The framework encompasses a comprehensive kinematic and force analysis, to provide the
inputs for two lubrication models integrated into the torque-balance equation, where the possibility
of slippage is allowed. The findings reveal that the equivalent side thrust can be reduced by 51% with
offset followers. Both configurations experience slippage during the low-load phase, but it rapidly
diminishes during the high-load phase. This sudden transition in rolling conditions results in a sharp
increase in surface temperature and traction force, emphasizing the importance of minimizing sliding
at the interface. However, besides the substantial side thrust reduction, offset followers showed
superior tribological performance, mitigating undesirable thermal and frictional effects.

Keywords: rolling; sliding; slippage; cam; roller; hydraulic; drivetrain; piston; pump

1. Introduction
1.1. Hydraulic Drivetrains for Wind Turbines

Fluid power technology is characterized by high-torque-to-weight ratios and it has
gained the reputation of being reliable and robust throughout the years. Acknowledging
these advantages, several companies have gradually applied hydraulic technology in
different systems for wind energy generation [1]. For example, a promising option regards
the replacement of overly complex transmissions and electronics of current offshore wind
turbines with a novel large-scale hydraulic drivetrain (i.e., a large-scale piston pump),
where seawater is the hydraulic fluid [2]. This option has been considered capable of
reducing complexity, mass, maintenance requirements, and thus, the levelized cost of
offshore energy [3].

The lack of suitable components for multi-MW hydraulics has resulted in several
parties developing their own hydraulic drive systems [1,2]. During the design of large-
scale radial piston pumps (Figure 1), optimizing the plunger’s displacement profile is key
to minimizing the mass and dimension of components and maximizing efficiency. Besides,
it is also essential to evaluate the tribological performance of critical interfaces, where
optimum lubrication must be ensured.
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Stator

Figure 1. Principal components forming part of a large-scale hydraulic drivetrain (i.e., piston pump).
pi. (a) Radial roller follower configuration. (b) Offset roller follower configuration.

1.2. Cam-Roller Systems in Wind Turbines

In agreement with Nijssen et al. [4], the cam-follower unit is one of the most critical
interfaces in a piston pump. A few publications can be found about hydraulic [5] and
hydrostatic [6] drivetrains for wind turbines and also for tidal energy conversion [7]. In
the latter as well as in [8] and Tao et al. [9], a low-speed multi-lobe camring pump forms
part of the hydraulic transmission. However, the tribological performance of cam-roller
interfaces is not discussed.

Cam-roller follower contacts operate under highly dynamic conditions. The lubri-
cating film that separates the surfaces to avoid asperity contacts is critically affected by
velocity and highly varying cyclic loads [10,11]. In fact, during one cycle, the curvature, the
speed, the load, and even the surface roughness vary as a function of the cam angle. Asa
consequence, ensuring optimum lubrication of cam-roller contacts is a complex design task.

In the present case, the cam-roller contact and the SRBs are two coupled interdependent
tribological systems. The internal spherical roller bearings (SRBs) (Figure 2) allow the roller
to rotate on its axis, but also introduce a frictional torque. This means that the cam-roller
contact and the SRBs are two coupled interdependent tribological systems. In other words,
the frictional torque generated by the SRBs in combination with inertia effects results in a
resisting torque acting on the roller, which can cause sliding at the cam-roller contact. The
latter is often referred to in the literature as slippage and its level can be quantified with the
slide-to-roll ratio (SRR ).

The tribological behavior of cam-roller follower contacts has been studied mostly in val-
vetrain and diesel injection systems of internal combustion engines at smaller scales [11-20]
but not in large-scale hydraulic drivetrains. Duffy [14] and others [16-18] have experi-
mentally demonstrated the occurence of slippage in specialized setups. In a numerical
study, Ji & Taylor [19] evaluated roller slippage in a simplified way by assuming a constant
friction coefficient for the internal needle bearing. Only a few publications can be found
where the possibility of slippage is considered in complex numerical lubrication models
and its level is quantified by balancing the tractive and resisting torques acting on the
roller [11,12,20]. From the studies above, it can be concluded that the occurrence of slippage
is undesired and it remains a critical aspect also at smaller scales due to its potential to
produce surface damage.



Machines 2023, 11, 604 3 of 26

Roller
Spherical j

Spherical Roller Bearings (SRBs

Camring
Frame

©Oller runner block

a

Guiding system
Frame

(a)

Center mark S%FATL%}II:[J B8 Piston Fr Spherical 'F(‘)ivllt 1
/ rame
Rotation axis /

Guiding system ¥ 74/‘&
I 4F,
o %’
‘\T[
R, W
F

t

° \7\ Pin

|
|
SRB
‘ Cam
. 7/
|

Spherical joint 2

r

Roller

'-\ X 3
15

AL
Y

ol 7
S

s

£
B
SCALE 1 : 80

Cam-roller dqntact

Stator

Camring

B =W, (b)

Figure 2. Pumping system in a large scale hydraulic drivetrain (a) Components of the pumping
system. (b) Forces and torques acting on the roller.

1.3. Offset Followers

The translation axis of the follower can be positioned in two ways: either aligned
with the center of rotation of the cam, known as the radial follower configuration or
with a specific eccentricity, known as the offset follower configuration (Figure 1). When
downsizing, the latter can be utilized to modify the pressure angle and decrease the side
thrust [21,22]. However, no comparative study of the rolling-sliding performance between
radial and offset roller followers in large-scale hydraulic drivetrains has been conducted
to date, to the best of our knowledge. Previous analyses assume zero eccentricity [13,23],
and furthermore, the mechanisms investigated in these studies (e.g., [11,12,20]) are much
smaller than those found in large-scale piston pumps, thus the significance of roller inertia
is diminished.

In contrast to the conventional design of radial piston pumps featuring radial roller
followers, this study proposes a novel approach by introducing offset roller followers. The
primary objective is to minimize the “unnecessary” side thrust exerted on the guiding
system, thereby significantly prolonging its operational lifespan. Moreover, we conduct a



Machines 2023, 11, 604

4 0f 26

comprehensive analysis to compare the rolling-sliding performance between the traditional
radial configuration and the innovative offset configuration. This investigation enables us
to assess the potential drawbacks and advantages associated with the integration of offset
followers in the pump design from a tribological point of view.

Our engineering framework offers a distinct advantage by eliminating the need for
extensive simulations. This streamlined approach facilitates seamless integration into the
design and optimization process of large-scale hydraulic drivetrains and it can be used to
optimize eccentricity and provide a reasonable assessment of the tribological performance
of cam-roller interfaces. In that way informed decisions to enhance the overall efficiency
and reliability of large-scale hydraulic drivetrains can be made.

2. Mathematical Model

This section contains five different parts where the modeling approach is explained
in detail. The kinematic and force analysis are presented in the first and second parts,
respectively. Then, in part three, the torque balance equation is shown and the procedure to
calculate slippage is described. In parts four and five, the lubrication models incorporated
in the torque balance equation (to estimate traction and friction) are discussed. Figure 2
shows the configuration of the tribological system studied in this work. It consists of a
multi-lobe camring (or ring cam), a roller follower, and two internal SRBs (with their inner
ring fixed to a pin) that support the roller allowing it to rotate freely due to the traction force
exerted by the cam. The lubricated interfaces considered in the analysis include the cam-
roller contact and the SRBs. For simplicity, the former is assumed to be a (non-conformal)
line contact.

The two-step computational process is summarized in Figure 3. First, the displacement
profile o and a range of values for the eccentricity (i.e., offset) e is given to obtain the pressure
angle a. through the kinematic analysis. Then, the total force Fr and the pressure angle .
are used as input in the force analysis to find the minimum equivalent dynamic load F;, and
the optimum eccentricity e. In the second step, the displacement profile o, the optimum e,
and the total force Fr are used as an input for the kinematic and force analysis to obtain the
contact force F;, the cam’s surface speed U, the pressure angle ., the curvature of the cam
pc and the roller velocity w, (under pure rolling conditions). These results are subsequently
used as the input for the lubrication and frictional (L&F) analysis where the torque balance
equation is iteratively solved to obtain the traction force F;, the asperity load ratio L,, the
slide-to-roll ratio SRR, the surface temperature T;, the heat dissipation rate Q, the friction
and traction coefficients yp and y.—,, and the lambda ratio A. For the comparison, the
second step is also carried out for a radial follower configuration, where ¢ = 0.
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Figure 3. Block diagram summarizing the computational process.



Machines 2023, 11, 604 5 of 26

2.1. Kinematic Analysis

The kinematic analysis has been carried out as described by Matthews and Sadeghi [24]
and adjusted for a translating follower and internal camring geometry. For more details,
the reader is referred to their publication [24].

A schematic depicting different parameters considered for the kinematic analysis is
shown in Figure 4. A global (X, Y) and a relative (x,y) coordinate system are used in the
analysis, where the origin O of the global system, coincides with the center of the camring
and it is fixed to the ground. The relative system is fixed to the camring and is used to
derive the instantaneous radius of curvature p.. The inputs required for the kinematic
analysis include the displacement profile, o(¢), as a function of the camring angle ¢, the
roller follower radius ¢, the camring base radius rj, the camring angular velocity w., and
the global positions of the center of the roller (X, Ys.) and contact point (X, Yc).The
coordinates of the follower center in the (X, Y) system are:

XfC =e (1)
Yie=0(y)—a @)
where e is the eccentricity (i.e., offset) and a is a design-dependent parameter given by:
| Xy
DETAIL A 1%
SCALE 1:8 _—Roller center
R

Figure 4. Schematic of the cam-roller configuration with nomenclature, coordinate systems, and
geometry considered for the kinematic analysis.

The coordinates in the (X, Y) can be transformed to the (x,y) system, and vise versa,
by using:

1= [t ][ g
)
)

-0 ]l 0
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The instantaneous radius of curvature at the point of contact p, can be computed
as follows:

ffC3 +1’f
fyfcfx}—c - fxfcf]/'/fc

ffc = fofCZ +fyfc2 @)

The first fy for fy for and second f} for fé o kinematic coefficients corresponding to the
follower center are calculated as follows:

(6)

where

B axfc -~ aXfC Xe s anC ] v o
frre = Gy = g <08W) = Xpesin(y) + = sin(§) + Ve cos(y) ®)
ayfc BXfC . anc .
fie = T =~ g SIn(#) = Xpecos(y) + L cos(y) ~Ypesin(p) )
, aZXfc aZXfc aZYfC . 8Xfc . anc .
fxfc = 3y2 = 392 cos(¢) + 392 sin(y) — 2 3 sin() +2W cos(¢p) — Xgsin(y) — Yy cos() (10)
0%y Xy %Y 0X s ]
fipe = Sy = gt sn(9) + 5k cos(y) ~25 L cos(y) ~ 25 L sin(y) + Xpesin(y) — Yyecos(y) (1D
The coordinates of the contact point in the (x, y) coordinate system are given by:
fyfc
Xe=Xf— T 12
e =TI, (12)
frge
=Yfctr 13
yC ny fffc ( )

The coordinates X for ch, and X,, Y, are used to compute the direction of El, ¢1. The

vector R}, can be visualized as an imaginary link between the center of curvature of the
cam and the center of the roller as depicted in Figure 4.

Y. -,
o fc c
¢ = arctan <Xfc — Xc) (14)
Similarly, the pressure angle, a., can be obtained as follows:
XfC - XC
— L 1
Qe arctan( Y- Y. > (15)

The variation of the direction of the vector ﬁl, hy, is required for calculating the surface
velocity of the camring U, and can be computed as follows:

o
h = = 16
1= 5y (16)
The velocity of a point on the surface of the cam, U, relative to the point of contact,
can be obtained with Equation (17) and the surface velocity of the roller, U,, can be obtained
with Equation (18), where w; is the angular velocity of the roller and thus, w,, the angular
acceleration. The entrainment velocity of the lubricant U, is given by Equation (19).

U, = Pcwc(l - hl) (17)
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u, = rf(wr — wchy) (18)

U+ U,
==

In pure rolling conditions, U, can be assumed to be equal to U.. However, to consider
the possibility of sliding at the cam-roller interface, pure rolling cannot be assumed, since
during slippage U. # U,. Hence, a different approach is required. The determination of
the angular velocity of the roller allowing the possibility of slippage will be treated later on.

Ur (19)

2.2. Force Analysis

Figure 1 shows the main components forming part of a large-scale hydraulic drivetrain.
The stator remains fixed and it is used as a stiff structural support for cylinders and guiding
systems. The torque generated by the wind is used to rotate the camring. When rotation
starts, the roller followers convert the rotary motion of the camring into a translating
motion to compress the water inside the cylinders. Figure 2a presentes a more detailed
view of the principal components forming part of the cam-roller mechanism. The frame
supports the pin, and two SRBs with their inner ring mounted on the pin support the
roller allowing it to rotate in its axis. To displace the piston and transfer the resultant side
thrust, the frame is connected to the guiding system and piston via two spherical joints.
This configuration allows the roller to self-align and reduces edge loading at the cam-roller
contact. The spherical joint 2 transfers the side thrust to the guiding system, while the roller
runner blocks and rails allow the roller follower to translate. Note that the rails are fixed to
the stator as shown in Figure 2b.

The forces acting on the cam-roller system are shown in Figure 2b, where Fr is the
total load, T; is the tractive torque, Tp is the frictional torque from the SRBs, and 77 is the
inertia torque. The reaction force Ry arises from the two roller runner blocks counteracting
the side thrust in the positive and negative x-direction. For simplicity, the frictional forces
generated by the guiding system are not considered in the analysis, since they are negligible
when compared to the total force Fr. The tractive torque, 7, is given by:

T = Ftrf = Fcyc,,rf (20)

where F; is the traction force, r f the radius of the roller follower, F. the contact force, and
Ue—r the traction coefficient at the cam-roller contact. The components of F. and F; are

given by:
F.x = F.sin(a,) (21)
F.y = Fccos(ac) (22)
Fix = Frcos(ac) (23)
Fyy = Fysin(ac) (24)

The frictional torque from the spherical roller bearings, 73, is given by:

18 = 0.5F: ptpdm (25)

where yp is the friction coefficient of the spherical roller bearings and d,; is the mean bearing
diameter. Note that the expression for 1 accounts for the frictional torque produced by
two internal roller spherical bearings. The inertia torque T; is given by:

7 = (I, + 21Ig) Wy = L1, (26)
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where I; is the total inertia and it accounts for the inertia of the roller, I, = 0.5mr(rjzfi + rj%),
and the inertia of the outer rings of two spherical roller bearings, 215, mounted on it. The
inertia of the rest of the rotating bodies is rather small when compared to I;. Hence, it has
been neglected. From the analysis of forces, the contact force is given by:

Fr

F = . (27)
COS & — Ye—y SIN K

From Equation (27), it can be deduced that F. and F; are interrelated. The contact force
affects the traction coefficient and vice-versa. Nevertheless, the contribution of F; to E; is
very small, and therefore, F. can be considered independent [11,19]. Thus, the expression
for F. is reduced to:

Fr
COS &

(28)

The total load Fr acting on the cam-roller pair of the piston pump (Figure 2) is obtained
by adding up (from highest to lowest) the hydraulic force F;,, preload force Fy, inertia force
Fj, and the weight of the follower unit Fg. For simplicity, the following realistic assumptions
have been made:

*  The follower unit is considered a single lumped mass.

*  The rotational velocity of the camring is constant.

¢  The preload is constant

*  The mass remains the same when eccentricity is introduced (i.e., when e # 0).

Therefore, Fr can be computed as follows:

Fr=F+F+F+F (29)
d’c
F = meqw%dilpz (30)

were the hydraulic force Fj, is given by the application and it is simply the product of the
water pressure times the plunger area, F is constant, and F; = m,;g, where g is the gravity
and . is the equivalent lumped mass.

Follower Offset Optimization

In roller element bearings, the load is inversely proportional to lifetime, and hence,
it is a critical factor in load-life calculations. For fluctuating loads, a dynamic equivalent
load Fy; (a constant load that would have the same influence on fatigue life as the actual
fluctuating load) is often used in the load-life calculations [25]. In this work, F;, is selected
as the objective function, where a minimum is sought to find the optimum offset (¢). In
that way, the lifetime of the roller runner blocks (Figure 2) counteracting the side thrust
can be maximized. For the optimization, it has been assumed that the principal force in
the x-direction is the side thrust E.,, and that F;, and additional forces or moments are
negligible. If preloading of the rolling elements is neglected, the dynamic equivalent load
Fy as a function of ¢, can be computed as follows [25]:

Zjlil FClJ(f)j/s
F10/3 _ 31
m Pron (31)
L Py,
chav’g = % (32)

where j is the counter for load phases, N is the number of load phases, ¢; is the individual
cam angular displacement and ;. is the total angular displacement during one cam cycle,
which includes the “rise” (during compression), and “fall” (during suction) (Figure 2) and
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it should not be confused with one revolution of the whole camring. Additionally, the
average side thrust Fcy,,,, has been calculated with Equation (32) for the sake of comparison.
The lower and upper limits chosen for e to find the minimum F,;, are —I¢q; and leq,, where

leam = Sin(lptot/z)rb-

2.3. Torque Balance

The torque balance equation (Equation (33)) has been used to predict roller slippage [11,12,20].
The tractive torque (on the LHS of the equation) drives the roller to make it roll on its axis whereas
the frictional torque of the spherical roller bearings (on the RHS of the equation) resists the motion
and tries to slow it down. Additionally, the roller is subjected to accelerations that result in the
generation of inertia torques, which usually become more prominent at high speeds [14].

Tt =T+ 11 (33)

Speed changes can produce two different effects. When the roller’s angular velocity
must increase due to the speed and tractive force exerted by the cam surface, positive
acceleration is required. In this case, the rotational inertia will resist such acceleration
potentially leading to positive slippage (i.e., the roller cannot catch up with the speed
of the cam). In the second case, when the roller must slow down, “deceleration” (i.e.,
negative acceleration) is required. Under these conditions, the rotational inertia will resist
deceleration and potentially result in negative slippage (i.e., the roller cannot slow down to
match the speed of the cam).

FC‘uC_,rf = 0.5Fupdm + Liwy (34)

In Equation (34), y.—r and pp are unknown and they can be computed by using
lubrication models. Their value depends strongly on the rotational speed of the roller w;,
which is also unknown if slippage occurs. To find a solution, wy is iteratively approximated
until an established error criterion is satisfied. The speed of the roller w; is approximated at
every condition in two stages. An initial guess for w;, is given to start the iterative process.
In the first stage, it is determined whether w, should increase or decrease to approach the
solution, and fixed steps in w; are taken until two solutions bracketing the correct value are
found. In the second stage, the step in w; is decreased by one order of magnitude to find
two more accurate solutions bracketing the correct value. Stages one and two are repeated
until a value for w, that satisfies the error criterion |7 — 73 — 77| < 1 x 10~*Nm is found.
The approximated speed of the roller w; for a previous condition is used as an initial guess
for the next condition.

Including the kinematic analysis, a solution for a full camring profile (formed by 50,400
data points) can be obtained in approximately 32's on a laptop Dell Precision 5560 with a
processor Intel(R) Core(TM)i7-11850H. With regard to the accuracy, a comparison between
the method employed for computing traction (i.e., yc—,) and full TEHL simulations can be
found in reference [26].

From Equation (33), it can be readily deduced that slippage occurs when the “required
tractive torque” (7p + 77) on the RHS of the equation is higher than the “actual” tractive
torque (7;) on the LHS. This situation is likely to occur, for example, with high frictional
torques produced by the SRBs, high acceleration caused by brusque variations of the cam'’s
surface speed, and/or loss of traction due to low contact forces. Furthermore, I; plays a
critical role. With a limited amount of traction at the cam-roller interface, large inertias
become much more difficult to drive. Hence the importance of optimizing mass and
dimensions.

The required traction coefficient jir,; to achieve zero gross slip conditions can be easily
obtained from Equation (35) assuming pure rolling and using the correspondent w;, and w;
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from the kinematic analysis. The required tractive torque is hence Fepireg7 . In the following
sections, the lubrication models adopted to compute both, y.—, and yp will be described.

0-5FCdem + Itw;f
Fcrf

(35)

Hreq =

2.4. Cam-Roller Traction

The prediction of traction is essential in multiple engineering applications. Shirzade-
gan et al. [27] and Masjedi & Khonsari [26] presented rapid approaches for estimating
traction in EHL and mixed —EHL contacts, respectively. In this work, the latter has been
adopted to account for the asperity friction component in case contact occurs. A detailed
description can be found in references [26,28,29] . The most relevant details about the
model and equations are presented in the Appendix A. According to [26], the traction
coefficient yi.—, can be obtained as follows:

o F o L, 2bBT;,, —HavgUs
Her =F 7 (100)fc - Fe t-ee Tiimhe 36)

2.5. Spherical Roller Bearings Friction

As mentioned before, in some previous studies [13,19], the friction coefficient of the
rolling element bearing inside the roller has been considered constant. Nevertheless, in
reality, bearing friction varies with speed and load [30]. In this work, the SKF model
has been used to approximate the bearing frictional torque. A detailed description of the
method can be found in [30]. The most relevant details are given in the Appendix B. With
F. (in N), and the mean bearing diameter 4, (in mm), the SRB friction coefficient can be
computed as follows:

B 4 x 103TSRB
HE= "R,

where Tggp is the frictional torque produced by one SRB.

(37)

3. Results and Discussion

For clarity, Section 3 has been divided into four subsections. Section 3.1 introduces
the displacement o and total load Fr profiles used throughout the two-step computational
process (Figure 3), which remain unchanged during the analysis. Section 3.2 shows the
results of the optimization, where ¢ and Fr have been used to find the optimum offset ¢ that
yields the minimum F,,. Section 3.3 presents the differences in the roller’s angular speed w;,
and cam surface velocity U, for the radial follower (RF) configuration and the offset follower
(OF) configuration (with optimum e). Finally, Section 3.4 presents and compares the results
of the lubrication and frictional analysis for the two aforementioned configurations.

3.1. Displacement and Total Load Profiles

Figure 5 shows the displacement profile ¢ and total load profile Fr (in normalized
form) used as input for this work. The displacement profile ¢ was derived through a
two-step optimization process. In the first step, efficiency was maximized and the mass
of components was minimized by finding the optimum pump and geometry parameters.
In the second step, the displacement profile o was adjusted to optimize the mechanical
and hydraulic stability of the system. In both steps, the optimum combination of design-
dependent variables was found by making use of gradient-free algorithms. More details
about the optimization process are not further discussed in this work
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Figure 5. Displacement and total load profiles.

The total load profile Fr is obtained by adding up F, + Fy + F; + F; as explained
in Section 2.2. The shape of the force profile mainly reflects the pressure profile, since
hydraulic forces contribute the most to the total load. The load profile is highly asymmetric
(with respect to the displacement profile) and contains abrupt variations. The high-load
phase corresponds to the compression stroke and the low-load phase to the suction stroke.
The oscillations that follow the peak load reflect the pressure overshoot produced by the
discharge valve lag [31]. After the sudden load decrease at the end of the compression
stroke, the small oscillation corresponds to the underpressure spike due to the lag of the
suction valve [31].

The pressure profile has been modeled from experimental data obtained through
extensive testing on a full-scale setup. During the tests, the evolution of the water pressure
inside the cylinder chamber with respect to time has been investigated under a wide range
of operating conditions within the pump’s operating envelope. The experimental data has
been used as a baseline to model the evolution of the cylinder pressure over the cam, as
it provides information on the magnitude and location of pressure spikes as well as on
the duration of the transitions between suction and compression stroke. The simplified
pressure profile includes fundamental characteristics observed in the overpressure, under-
pressure, and transition regions, whereas constant pressure is assumed for the suction and
compression sections between transient behavior. Further details on the pressure profile
will not be presented here.

3.2. Follower Offset Optimization Results

The geometrical parameters and reference conditions for the kinematic and force
analysis can be found in Table 1 and the results of the follower offset optimization are
presented in Figure 6, where ¢ was varied from —Icq to Ieq to compute F, and Fey,, .- Fora
radial follower (RF), e/ls = 0. For this configuration, neither F,;, nor Fex,,, are the lowest.

Negative offset values increase the side thrust, whereas positive offset values lead to
a significant reduction of both, the dynamic equivalent load and average side thrust. For
the given displacement and load profiles (Figure 5), the lowest F,, can be attained with
an offset follower (OF) configuration at e/l¢s, = 0.635, which corresponds to e = 0.375 m.
This means that the lifetime of the guiding system shown in Figure 2 could be greatly
increased by incorporating offset roller followers positioned at a distance ¢ = 0.375m with
respect to the center of the camring.
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It is interesting to point out that the minimum F,,, occurs with a slightly higher
amount of offset, namely e/l = 0.83. Therefore, minimizing F,,, by introducing eccen-
tricity does not necessarily yield the lowest average side thrust too. This suggests that
different results might be expected if, for example, the optimum offset value that minimizes
friction losses in the guiding system is sought.

m

I

I
CX

avg

-1 -0.5 0 0.5 1
e/lcam|—]
Figure 6. Follower offset optimization.

Figure 7 shows the pressure angle a (in °) and the normalized contact force F for the
RF and OF configurations. It is important to acknowledge that the displacement profile is
non-symmetrical, and thus, the absolute pressure angle values during compression and
suction strokes are not the same. This intentional asymmetry aims to moderate the pressure
angle «, during compression to control the magnitude of the side thrust. For the RF
configuration, the maximum |a.| during the compression and suction strokes are 20.6° and
26.3°, respectively. On the other hand, by optimizing e, the maximum |a.| can be reduced
to 8.8° during the compression stroke and increased to 36.2° during the suction stroke.
This notable reduction in the pressure angle attained with the OF configuration (during
the compression stroke) enables a significant side thrust reduction (Figure 8), particularly
where the total load Fr is high. Additionally, it should be noted that the OF configuration
brings positive changes to the contact force F, when compared to the RF configuration.
During the compression stroke, F; is slightly reduced (lowering contact stresses) and during
suction, it is slightly increased (enhancing traction).
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Table 1. Geometrical parameters and reference conditions for the kinematic and force analysis.

Parameter Value Unit
Fy 2 kN
F 33 kN
leam 0.592 m
Meq 204 kg
p 191 m
rf 0.150 m
We 1.6 rads™!

— — — Contact Force — — — Contact Force

Pressure Angle Pressure Angle

Cmax

0.5 1 0 0.5 1
d)/wtot[_] ¢/¢tot[_]

Figure 7. Pressure angle and contact force. (a) RF configuration. (b) OF configuration.

Figure 8 shows the side thrust profile (F.x) and the correspondent equivalent dynamic
load F,, for the RF and OF configurations. In the RF configuration, the side thrust yields
an equivalent dynamic load F,, = 101.7kN, with |Fey| rising above 153 kN during the
compression stroke. In the RF configuration, a notable characteristic is that at maximum
displacement, a, = 0° (Figure 7), resulting in |F.x|] = OkN. In addition, during the
compression stroke, the side thrust remains positive and transitions to negative in the
suction stroke.

In contrast, with optimum e, the side thrust yields an equivalent dynamic load F,;, =
50.2kN, meaning that the OF configuration (Figure 1) enables a 51 % reduction in the
equivalent dynamic load F,. Additionally, the maximum |F.,| drops substantially to
107 kN. Unlike the RF configuration |F.x| reaches its maximum at maximum displacement,
where a. # 0°. Regarding sign changes, the side thrust displays both, negative and positive
values during the compression stroke, and only negative values during the suction stroke.
The conceptual design of the conventional “radial piston pump” (RPP) and the proposed
“offset piston pump” (OPP) can be seen in Figure 1.
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Figure 8. Side thrust and equivalent dynamic load. (a) RF configuration. (b) OF configuration.

3.3. Kinematics

Figure 9 shows the cam surface velocities U, and roller angular velocities w, for the
RF and OF configurations (computed assuming pure rolling). From Equations (1) and (2),
it becomes evident that introducing offset, (i.e., ¢ # 0m) changes the global position of
the center of the roller follower, and hence, the relative position in the (x,y) coordinate
system. Consequently, changes in the camring curvature, surface velocity, pressure angle,
and the side thrust magnitude must be expected, even while the displacement profile
o (1) is maintained. In this case, the optimum eccentricity (¢ = 0.375m), results in a
slight reduction of the cam’s surface speed during the compression stroke and a slight
increase during suction. The effects of eccentricity are much more evident in the roller’s
angular speed, where w;, decreases during compression and increases during suction. The
differences between the velocities of both configurations are attributed to the changes in
the curvature of the cam p. and the movement of the point of contact (i.e., /7).

RF —
OF

mm RF — — — Displacement
OF

— — Displacement

108 7
10.6
104

U/Umar[_]
U/Umax

10.2

0.4

w/wtot[_]

O:2 0:4 0.‘6 0.‘8
¢/¢tot[_]

06 0.8

Figure 9. Cam and roller velocities for the RF and OF configurations. (a) Cam surface velocities.

(b) Roller angular velocities.
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In addition, in Figure 9, it is also important to note that the entrainment motion (i.e.,
U,) remains above zero. Hence, for the calculation of film thickness, squeezing motion can
be neglected [32]. In situations where flow reversal does not occur, transient effects appear
to be negligible in the prediction of changes in the oil film thickness [10,11]. Therefore, in
this work, the quasi-static solution has been considered suitable and valuable for predicting
the tribological behavior of the cam-roller contact.

3.4. Lubrication and Frictional Analysis

The cam-roller and the SRBs are grease-lubricated interfaces. For the former, a calcium
sulphonate grease with mineral base oil (CaSMi) has been selected and it is assumed that
its properties are equal to that of its base oil. This assumption remains valid for CaSMi at
entrainment speeds above 0.2ms~!. This means that standard EHL theories can be used to
predict film thickness and traction provided there is sufficient entrainment speed [33].

Table 2 shows the reference conditions for the lubrication and frictional analysis of the
cam-roller contact. The viscosity of the paraffinic/naphthenic mixture base oil is provided
by the supplier. The dynamic viscosity has been calculated by assuming py,;, = 869 kg m~3.
The inlet viscosity (at the operating temperature), has been calculated according to the
ASTM standard [34]. The limiting shear stress and the pressure viscosity coefficients have
been interpolated from the tables presented in [35] for the above-mentioned mixture. The
asperity friction coefficient, f; has been assumed to be 0.12.

Table 2. Cam-roller contact reference conditions.

Parameter Value Unit
B 0.150 m
Cp 450 Jkg K1
E 210 GPa
E' 231 GPa
I 0.70 kg m?
I 0.76 kgm?
k 21 Wm K1

Iy 0.165 m

My 39.8 kg

Tfi 0.1125 m

Ry 0.8 pm
Te—y 50 °C

v 6.87 GPa

4 0.48 —

® 19.6 GPa™!

B 0.0472 -

1o 192.2 mPas
a0 367.7 mPas
1’]100 20.7 mPas
Mlim 0.0485 _

v 0.3 -

P 7800 kgm™3

0q 1.13 pm

The cam and the roller follower are made of high-strength low-alloy steel. The assumed
values in Table 2 for the specific heat c;, thermal conductivity k, density p, elastic modulus
E, and Poisson’s ratio v apply for both, the cam and the roller follower. The thermal
conductivity value (i.e., k =21 W m 1K1 corresponds to hardened steels [36] to prevent
overestimating traction in the EHL regime [37,38]. Table 3 contains the reference conditions
for the SRBs. Note that the type of grease and operating temperature are different from
that of the cam-roller contact.
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3.4.1. Required Tractive Torque

Figure 10 illustrates the computation of various torques: the frictional torque 73
determined by the SKF model, the inertia torque 7;, and the required tractive torque,
represented as T + 77. The required tractive torque to avoid gross sliding can be easily
obtained using Equation (35) as explained earlier. It is important to note that the required
tractive torque differs between the RF and OF configurations due to changes in w, and
wy. The most notable difference is the higher 7; peaks for the OF configuration that occur
as a result of increased angular accelerations. However, in regard to the frictional torque
T, the differences are minimal. Both configurations exhibit a noteworthy outcome when
negative inertia torques arise. Under such conditions, the friction generated by the SRBs
aids in deceleration, effectively acting as a braking mechanism, and thereby reducing the
tractive torque required to slow down the roller.

The SKF model provides a fast and reasonable estimation of the frictional torque, but
it is mostly suitable for steady conditions. Therefore, complex dynamic effects produced
by load and speed changes that could affect the frictional torque might not be entirely
captured with this approach. For dynamic simulation of lubricated roller bearings, highly
complex and computationally expensive methods are required [39].

Table 3. SRBs reference conditions.

Parameter Value Unit
D 225 mm
d 150 mm
dm 187.5 mm
Ip 0.03 kg m?
TsrB 55 °C
Vbl 0.12 —
VSRB 87.3 mm 572
_ 7-req == =Tp _ 7-req == =Ty
7, — — — Displacement 7, — — —Displacement
(b) 150
= 100 /N 1
g
i & i
ios
~ & ~
e} o e}
e
=~
-100 >0
0 0.5 1 0 0.5 1
lyb/r’vbtot[_] w/¢tot[_]

Figure 10. Required tractive torque. (a) RF configuration. (b) OF configuration.

3.4.2. Lubrication Regime

Figure 11 shows the lambda ratio A and the load asperity ratio L, for the RF and OF
configurations. These results have been obtained taking roller slippage into account. Only
small differences can be observed between the two configurations.
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Figure 11. Lambda ratio and asperity load ratio. (a) RF configuration. (b) OF configuration.

In both cases, the lubrication regime is dependent to a great extent on the entrainment
speed, and to a lesser extent on the load. The reduction in the film parameter to A ~ 2
indicates that mixed-EHL occurs around the nose of the cam. This change in the lubrication
regime can be attributed to the decreasing entrainment speed and increasing curvature. The
latter is also responsible for the rise in the maximum contact pressure that can be observed
in Figure 12 at maximum displacement. Additionally, in this region, the asperity load ratio
reaches values between 4 to 4.5 %, indicating that asperity contact occurs. With increasing
entrainment velocities, the film parameter grows to A > 3, while L, drops to levels close to
zero indicating that EHL is attained as the roller approaches the cam’s base circle.

s S|ide-t0-r011 ratio s Side-to-r01l ratio

@ 04

02 ~—~ 0.8

[GPa]
PmaX [GPa]

SRR[-]
()
S 2
B~ N
P
max

\"——
4 ~=—{02

"0 0.5 1 0 0.5 1
¢/¢t0t[_] w/d}tot[_]

Figure 12. Slide -to-roll ratio. (a) RF configuration. (b) OF configuration.

3.4.3. Roller Slippage

Figure 12 shows the SRR predictions and the maximum contact pressure (Pqx) profiles
for the RF and OF configurations. Similar to the total load profile (Figure 5), the contact
pressure along the cam is also highly varying, ranging from approximately 0.2 to 1 GPa.
For both configurations, relatively high slip ratios are predicted during the low-load phase,
where the contact pressure drops substantially.
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At low contact pressures, the maximum SRR is 11.3% and 16.2% for the RF and OF
configurations, respectively. At the end of the suction phase ({/1ot = 1) (i.e., the beginning
of the compression phase), the SRR is 5.4% and 3.3% for the RF and OF configurations,
respectively. This means that for both configurations, the roller enters the compression
phase with some degree of slippage. Figure 12 shows that between /¢y = 0 and
/o = 0.15, slippage occurs in combination with high contact pressures, and thus, the
operating conditions can be regarded as critical. Nevertheless, due to the drastic increase
in contact pressure, the predictions show a brusque change in the rolling condition, where
the SRR rapidly drops to practically zero. Here, it is important to mention that in regions
where asperity contact takes place, SRR levels slightly above zero could be anticipated,
since the employed approach may slightly overestimate traction when asperity contact is
involved [40].

Two key differences must be highlighted between the RF and OF configurations. With
an offset roller follower, more slip is predicted at low contact pressures and less slip during
the contact pressure rise. The opposite holds for the RF configuration. The generation of
higher slip levels in the OF configuration can be attributed to the higher required tractive
torque Figure 10 (i.e., more slippage is required during torque balancing to satisfy the
expression). The reduction of slip at the beginning of the high-load phase can be attributed
to the angular speed of the roller. In the OF configuration, during the suction stroke, the
roller experiences higher accelerations, which right before entering the high-load phase,
bring w, closer to the roller’s speed in pure rolling conditions.

Duffy [14] measured slippage during high accelerations and low contact forces and
suggested that under these conditions slippage is “benign”, but it becomes critical if it
occurs in combination with high contact forces. Furthermore, previous studies have demon-
strated that brusque changes in the rolling condition can potentially cause smearing on the
surfaces [41,42]. In regard to the lubricant, shearing and heating, can lead to a nonuniform
flow of grease eventually causing the breakdown of the lubricating film and potentially
wear [43]. Besides, the lubrication of the internal SRBs is highly dependent on the rotational
speed of the roller, and thus, it could also be affected if excessive slippage occurs.

3.4.4. Surface Temperature

Figure 13 shows the heat dissipation rate Q = F.usF; [36] and the surface temperature
Ts computed as described in reference [26]. For the conditions and slip levels observed (i.e.,
SRR < 0.16), the temperature rise may well still be close to that predicted by full TEHL
solutions, since deviations occur particularly at high loads and higher slide-to-roll ratios.

Heat dissipation rate
m———— Surface Temperature

Heat dissipation rate
m———— Surface Temperature

Figure 13. Surface temperature and heat dissipation rate. (a) RF configuration. (b) OF configuration.
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The sharp increase in the heat dissipation rate Q and surface temperature T; taking
place between /1o = 0 and ¢ /1o = 0.15, can be attributed to the occurrence of slippage
in combination with high contact forces (Figure 12). At higher temperatures, the average
viscosity pa0g drops causing a reduction in the traction coefficient y.—, at a given SRR. As
a result, more slippage is required to balance Equation (33).

For the RF configuration, the peak heat dissipation rate Q and surface temperature T;
values are 166 W and 114 °C, respectively, whereas for the OF configuration, these peaks
are substantially lessened to Q =39W and Ts = 80 °C.

As the contact pressure increases, traction improves, slip vanishes, and hence, heat and
temperature drop. When the contact pressure falls, a smaller rise in the heat dissipation rate
Q and surface temperature T; is predicted, due to the occurrence of slippage in combination
with low contact forces.

F = = =F N -
ty t ty
F ——-=P F ——-P
tx max tx max
(b)
Z =
(=9
>
o C,
% &
S =
LI-:-'

0.5 1 0 0.5 1
b/ Ytor[~] b/ Ytor[~]

Figure 14. Traction force at the cam-roller contact. (a) RF configuration. (b) OF configuration.

3.4.5. Traction Force

Minimizing slippage in the studied cam-roller system proves to be vital not only to
prevent wear, improve lubrication and reduce heat generation but also to reduce impact
loads. This becomes evident by looking at Figure 14, where the traction force and its
components are shown. It is interesting to see, that for the RF configuration, the traction
force reaches a peak value of 0.9 kN at the beginning of the compression stroke, between
P/ Pror = 0 and ¢/ oy = 0.15. This occurs as the roller enters the highly-loaded region
with relatively high slip levels. In other words, with high loads, the sliding roller is forced
to catch up with the cam’s surface speed in a brusque fashion giving rise to sharp peaks
in the acceleration and inertia torque and provoking the traction force spike observed in
the graphs. This behavior is comparable to that of rolling elements in large-scale bearings
during the unloaded-loaded transition, where the conditions are favorable for smearing to
occur [42,44]. For the OF configuration, the traction force peak value is reduced to 0.6 kN,
since smaller slip levels are predicted at the beginning of the compression stroke. These
results highlight the importance of minimizing slippage.

4. Conclusions

In this study, the integration of offset followers in large-scale hydraulic drivetrains to
mitigate the equivalent side thrust and enhance the lifespan of the guiding systems has
been proposed. Moreover, a comprehensive comparison between the conventional radial
roller follower and the innovative offset roller follower configuration has been carried out
in terms of rolling-sliding performance. This investigation enables the assessment of the
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potential drawbacks and advantages associated with the integration of offset followers in
the pump design from a tribological point of view.

¢ The follower offset optimization results show that for the given displacement profile
and total load profile Fr, the equivalent dynamic load F,; counteracted by the guiding
system can be reduced by 51% from F,, = 101.7kN to F,, = 50.2kN, by incorporating
offset roller followers at a distance e = 0.375 m with respect to the center of the camring.
By minimizing Fy,, the lifetime of the guiding systems can be substantially improved.

¢ The kinematic analysis shows that while maintaining the optimum displacement
profile o unchanged, the curvature p. of the cam, and hence, its surface speed U,
change when offset roller followers are incorporated. These kinematic changes have a
significant influence on the rolling-sliding behavior of the roller followers.

¢  The lubricating regime in the studied cam-roller contact is primarily influenced by the
entrainment speed and to a lesser extent by the load. Both the radial roller follower
(RF) and the offset roller follower (OF) configurations show similar behavior, with
mixed-EHL (A = 2 and L, =~ 4%) occurring around the cam’s nose due to decreasing
entrainment speed and increasing curvature. The latter is also responsible for the
increase in the maximum contact pressure (to 1 GPa) at maximum displacement.

*  For the RF and OF configurations, the results of the lubrication and frictional analysis
predict relatively high slide-to-roll ratios during low contact pressures and a rapid
transition to virtually pure rolling at high contact pressures. At low contact pressures,
the maximum SRR is 11.3% and 16.2%, for the RF and OF configuration, respectively.
However, at the beginning of the compression phase, where the contact force and
contact pressure increase, the OF configuration displays lower SRR levels (3.3%)
compared to the RF configuration (SRR = 5.4%). The occurrence of slippage in
combination with high contact forces is considered critical, due to its potential to
cause surface damage. From the analysis, the operating conditions generated between
/P10t = 0 and ¢/ o = 0.15 have been regarded as critical, since slippage leads to
sharp increases in the surface temperature, heat dissipation rate, and traction force at
the cam-roller interface. Remarkably, offset roller followers show superior tribological
performance which leads to improved rolling-sliding behavior. With less slippage
occurring between 1/ ¢;or = 0 and ¢/ s+ = 0.15, the peak heat dissipation rate drops
substantially from Q = 166 W to Q = 39 W, the peak surface temperature decreases
from Ts =114 °C to T = 80 °C and the peak traction force drops from 0.9 kN to 0.6 kN.

In conclusion, the incorporation of offset followers in unidirectional piston pumps with
highly varying loading conditions offers significant benefits. By introducing roller eccentricity,
the equivalent side thrust can be substantially reduced, leading to a notable extension of the
guiding system'’s lifespan. Moreover, for the reference conditions assumed in this study, the inte-
gration of offset followers results in improved rolling-sliding behavior and enhanced tribological
performance, which leads to the attenuation of unfavorable thermal and dynamic effects.

The developed framework presents a notable advantage by eliminating the need for
extensive simulations. Its streamlined approach allows for easy integration into the design
and optimization processes of large-scale hydraulic drivetrains. Additionally, it facilitates
the optimization of eccentricity and provides a reasonable assessment of the tribological
performance of cam-roller interfaces. By utilizing this framework, informed decisions can
be made to enhance the efficiency and reliability of large-scale hydraulic drivetrains.

From a tribological testing perspective, it is desirable to develop a method and a
small-scale test setup that can accurately mimic the features described above. Such an
approach would enable the exploration of different possibilities to further improve the
rolling-sliding behavior of roller followers. These aspects serve as valuable suggestions for
future research and development in this field.
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Nomenclature

b Half hertzian width +/8RF./tBE’ m
B Contact length m
d Bearing bore diameter m
D Bearing outside diameter m
dm Bearing mean diameter d,, = (D +4d)/2 m
e Eccentricity /Offset m
E Effective Young’s modulus 1/{0.5[(1 — v?)/E. + (1 —0?)/E/]} Pa
E. Young’s modulus cam Pa
E, Young’s modulus roller Pa
fe Asperity friction coefficient -
G Dimensionless material number E’« —
he Central film thickness m
H, Dimensionless central film thickness —
hyin ~ Minimum film thickness m
H,i, Dimensionless minimum film thickness —
L, Asperity load ratio %
p Average contact pressure Pa
P Hydrodynamic pressure Pa
R Equivalent contact radius [1/7f £1/p] -1 m
Rq, Cam surface roughness m
Ry, Roller surface roughness m
u Dimensionless speed number pgu,/E'R —
Uy Rolling speed (U. + U;)/2 ms~!
U Sliding velocity | U, — Uy | ms!

v Vickers hardness Pa
1% Dimensionless hardness numbere v/E’ —
w Dimensionless load number F./BE'R —
z Viscosity-pressure index —
o

Pressure-viscosity coefficient Pa!
K¢ Pressure angle rad
B Temperature-viscosity coefficient -
Navg ~ Average viscosity Pas
o Inlet viscosity Pas
A Lambda ratio -
Ay, Limiting shear stress coefficient —
Ve Poisson’s ratio cam —
Uy Poisson’s ration follower —
Oc Cam radius of curvature m
0q Composite surface roughness <R%C + R%y) e m
g Dimensionless surface roughness number -
Camring angle rad
we Camring angular velocity rads~!

wy Roller angular velocity rads™
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OF Offset Follower

OPP  Offset Piston Pump

RF Radial Follower

RPP  Radial Piston Pump
SRB  Spherical Roller Bearing
SRR  Slide-to-roll ratio

Appendix A
Appendix A.1. Cam-Roller Traction

The formulas for H, H,,;;,, L, shown below are valid for lambda ratios A > 0.5 and as
long as L, < 70 %. During temperature rise due to sliding, the expressions for H. and L,
are still reliable within the dimensionless number range 3 x 10712 <« U < 3 x 1071 since
H. and L, are not significantly affected even if the SRR = 1 [29]. In the present study, the
maximum speed number observed is U = 1.69 x 10! and the maximum SRR < 0.16 (for
the OF configuration), which falls within the valid range.

Hc — % —_ 2.691W*0.135u0.705G0.556 |:1 + 0.25.51.222‘/0.223‘/\/70.229u70.748G70.842:| (Al)

/3
Hmin — 1'11'1{11'1 — 1'652w—0.077u0471660.695 |:1 + 0‘0265.51.120V1.185W—0.312u—0.809G—0.977i| (Az)

L, = 0.005W—0-4087 7 —0.088 50.103 {ln (1 + 447055-015/11681/0.485 [ —3.741 G-z.s%” (A3)

The approach presented in [26] uses the (isothermal) formulas shown above for H, and
L, and estimates the temperature rise by following the theory by Tian and Kennedy [45]
to predict traction in the mixed-EHL regime (see Equation (36)). The results show good
agreement with extensive thermal elastohydrodynamic lubrication (TEHL) simulations.
The predictions are also in line with the experimental results obtained by [46] who used
refined mineral oil. In Equation (36), f; is a constant value that corresponds to the asper-
ity friction coefficient, b the half Hertzian width, B the contact length, 1;;,, the limiting
shear stress and u;, the sliding velocity, given by |U. — U,|. Xi et al. [40] performed an
adjustment to improve the prediction of traction coefficients, particularly, at SRRs below
0.01, by substituting f. by f,. The latter is dependent on the SRR and not a constant value.
Nevertheless, the improvement is only suitable for point contacts. The limiting shear stress
is proportional to the pressure and is obtained as follows [47]:

L
Tim = NiimPrn = NimP (1 - 1()”0) (A4)

where the limiting shear stress coefficient, Aj;y,, is a lubricant’s property that can be obtained
from its traction curve [47], py, is the hydrodynamic pressure, and p is the average contact
pressure. Equation (A5), is used to compute #4¢ [48]. It is worthwhile mentioning that
this variant of the Roeland’s equation can largely overestimate friction at high-pressure
high-slide-to-roll ratio conditions as shown in reference [10]. Nevertheless, in this work,
its use can be justified since the maximum contact pressure is limited to 1 GPa and the
maximum SRR is < 0.16.

Z
Havg = 10 exp{(ln 1o +9.67) {—1 + (1 +5.1x 10*91),1) } - ﬁAT} (A5)

In Equation (A5), #g is the inlet viscosity, and AT is the temperature rise. The surface
temperature T;, can be estimated as Ty = T, + AT, where T._, is the inlet temperature at
the cam roller contact. In this work, the viscosity-pressure index Z, is given by [49]:

14

= 5IX10 9(in 7, +9.67) (A6)
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The temperature viscosity coefficient has been obtained as follows [50]:
()
140
=———7 A7
p o (A7)

where 17199 and 7749 are the grease base oil viscosities at 100 °C and 40 °C, respectively. The
transition from one lubrication regime to another can be distinguished with the lambda
ratio A. The lubrication regimes can be classified as boundary lubrication when A < 1,
mixed lubrication when 1 < A < 3, and EHL when A > 3 [49]. For the cam-roller contact,
A can be computed as:

A= hmin (A8)
g

where ¢, is the composite surface roughness.

Appendix B
Appendix B.1. Spherical Roller Bearing Friction
Two main tribological effects have been considered to estimate the frictional torque

Tsrp, produced by one SRB, namely, the rolling 7, and the sliding 7; frictional torques.
The total frictional torque produced by one SRB can be calculated as:
TSRB = Trr + Tl (A9)

The rolling frictional torque can be calculated as:

Trr = §0ish§0rsGrr(USRB”r>O'6 (A10)

where vggp is the operating viscosity of the grease base oil and #, the rotational speed of
the roller in RPM. The inlet shear heating reduction factor, ¢;y, is given by:

1
— 1.28
1+1.84 x 10~ (npdy ) 0285,

Pish = (All)

The kinematic replenishment/starvation reduction factor, ¢s can be computed as:

1

oo — . (A12)
|:KVSUSRBVlr(d+D) 2(D7§d):|
e
where K,s = 6 x 1078 and K, = 5.5, d is the bearing bore diameter, and D is the bearing
outside diameter.
The rolling frictional variable G, for spherical roller bearings is calculated as follows:

Grre; when Gyre < Gy }
G = : Al3
" { Gyr;; when Gyre > Gy ( )
Grre = Rld}n'SS (0.5P0)0.54 (A14)
Gy = R3d%?(0.5F,)% (A15)

where R; and Rj are geometry constants equal to 2.9 x 107° and 4.78 x 10~°, respectively.
The sliding frictional torque is given by:

Ts] = Gsl]“‘sl (A16)
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where G for spherical roller bearings is obtained as follows:

— Ggle; When Ggo < G
G = { Gg1. 5 when Gy > Gy, (A17)
1/3
Gsle = Sld%ZS (051:;1) (A18)
1/3
Gty = Sad* (0.5FC3) (A19)

where S; and S; are geometrical constants equal to 6.9 x 1073 and 2.1 x 102, respectively.
Note that axial forces have been neglected in the expressions to obtain G, and G;;. The
sliding friction coefficient yi5; can be estimated using;:

st = @uipipl + (1 — @pr)MEHL (A20)

where yy is a constant and the weighting factor for the sliding friction coefficient, gy =
0.05 in full-film conditions, for lubrication with mineral oils and ¢, is:

1
e = 62'6X1078(an5RB)1-4dm (A21)
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